Passive damping of structural dynamics using piezoceramic electromechanical energy conversion and passive electrical networks is a relatively recent concept with little implementation experience base. This paper describes an implementation case study, starting from conceptual design and technique selection, through detailed component design and testing to simulation on the structrure to be damped. About 0.5kg. of piezoelectric material was employed to damp the ASTREX testbed, a 5000kg structure. Emphasis was placed upon designing the damping to enable high bandwidth robust feedback control. Resistive piezoelectric shunting provided the necessary broadband damping. The piezoelectric element was incorporated into a steel flextensional device in order to concentrate damping into the 30 to 40Hz frequency modes at the rolloff region of the proposed compensator. The effective stiffness and damping of the flextensional device was experimentally verified. When six of these effective springs are placed in an orthogonal configuration, strain energy is absorbed from all six degrees of freedom of a 90kg. mass. The suspension modes of this vibration absorber was nominally tuned to 30Hz. A finite element model of the testbed was modified to include the sixaxis damper. An analytical model was developed for the spring in order to see how the flex-tensional device and piezoelectric geometries effect the critical stress and strain energy distribution throughout the component. Simulation of the testbed demonstrated the damping levels achievable in the completed system.
INTRODUCTION
There are many applications where the addition of passive vibration damping to a structural system can greatly increase the system's performance or stability. The addition of passive damping can decrease peak vibration amplitudes in structural systems and add robustness to marginally stable active control systems[1}. Since the actual system modes are rarely in complete agreement with the model, even the modeled modes pose some threat to the stability of the closed loop system. In addition, lightly damped modes can exist in the rolloff region of the control system. Although these modes are not included in the model, they are still subject to control authority that has not yet rolled off. These rolloff modes pose another threat of instability to the control designer.
There are several sources of passive damping in space structures. The most common is material damping by which structural strain energy is dissipated. Damping is also provided by the friction and impacting that occur in the structural joints. The inherent damping in a truss can be increased by using damping enhancement schemes [3] . Several damping techniques are applicable to space structures. Some viscoelastic techniques have been developed for trusses in Ref. [4] . Proof-mass dampers (PMD's) have been applied previously to space structure damping in Ref. [5] and conceptually in Ref. [6] . Viscous damping struts were implemented in Ref. [7] . An active thermal damping scheme was used in Ref. [8] . Impact dampers were used in Ref. [9] . Truss structures with active piezoelectric members for vibration suppression are presented in Refs.
[10] and [1 1].
In recent years, piezoelectric elements have been used as embedded sensors and actuators in smart structures by Crawley and deLuis [12] and Hagood [13] , and as elements of active structural vibration systems by Fanson and Caughey[14] , Hanagud eta!. [15] , and Bailey and Hubbard [16] . They have also been used as actuation components in wave control experiments by Pines and von Flotow [17] . Within active control systems, the piezoelectrics require complex amplifiers and associated sensing electronics. These can be eliminated in passive shunting appplications where the only external element is a simple passive electhcal circuit. Modelling of passive piezoelectric damping is described in Ref. [3] . Experimental verification of passive piezoelectric damping in a laboratory structure is described in Ref. [13] . The shunted piezoelectric itself could also be used as a damped structural actuator in a control system, as will be discussed later in this paper.
This work will present a passive piezoelectric damping implementation on ASTREX, a large space structure. The motivation behind this research is to provide as much passive damping as possible to facillitate line-of-sight control roll-off. Passively-shunted piezoelectrics were the chosen damping scheme because of their small implementation experience base relative to the viscoelastic or viscous damping schemes. Piezoceramic's high stiffness and temperature stability make it useful for structural damping applications. 
The loss factor and relative modulus equations have been plotted versus , the dimensionless frequency (or the dimensionless resistance) in Figure 4 for a typical value of the longitudinal coupling coefficient. These curves are similar to the equivalent material curves for a standard linear solid. As illustrated by the graphs, for a given resistance the stiffness of the piezoelectric changes from its short circuit value at low frequencies to its open circuit value at high frequencies. The frequency of this transition is determined by the shunting resistance. The material also exhibits a maximum loss factor at this transition point.
As seen in figure 4 , the material loss factor peaks at 42.5% in the longitudinal and shear cases. The transverse case has an 8% peak loss factor.
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Coupling Shunted Piezoelectrics to Structures
The peak loss factor for the piezoelectric in Figure 4 will decrease when it is coupled to its host structure, according to the fraction of the total strain energy that is actually in the piezoelectric, reference [18] I1TOT = ?1iU/1LJ.. (5) where U is the strain energy in the ith element of the structure. The challenge is thus to employ the damping piezoelectric material in areas of high strain energy to take advantage of this weighting. Of course, the high strain energy locations must also be ranked by their influence on system performance objectives.
The strain energy sharing concept is first considered when designing the damper to be applied to the structure. Note that the word, damper, refers to the piezoelectric damping material and any necessary series or parallel stiffnesses that give the device structural integrity. All damping devices can be simplified to follow one of two different design procedures:
Case(1) If the damper is made up of 100% piezoelectric that is loaded in one direction the material properties in figure 4 apply. An example of this is a shear washer to be discussed in section 4. 1 . Inthis case, the appropriate resistor moves the peak of the component loss factor to the desired frequency: p1=ICw=Ji
Case(2) If the damper consists of a piezoelectric with series and/or parallel stiffnesses, the peak loss factor location can no longer be guided by equation (6). In this case, equation (6) Denvmg the effective matenal properties from impedance yields the loss factor, i and relative modulus, E = i-.: cc
Where p1 is the dimensionless frequency:
1s ( ( K1 + K2) must be computed from an analytical or fmite element model of the complete device. Assuming the component's effective material properties are analogous to the piezoelectric, a first order estimate of the effective coupling coefficient, K=,
is then used in (6) in place of k. to size the resistor. An example of this is the flex-tensional device described in section 4.2.
Regardless of the design case, the short and open circuit stiffnesses of the damper determine two of the minimum three points necessary to describe the first-order stiffness curvó of the damper ( Figure 5(a) ). The third parameter, conveniently given by the transition frequency, p , is determined by the value of the shunting resistor.
Finite Element Modeling of Piezoelectric-based Dampers
In order to determine the perfonnance of a given piezoelectric damping scheme in its host structure, the damper's stiffness and loss factor curves from figure 5(a) must be modeled. This behavior is captured by the following spring and daspot fmite element The complex stiffness of the three element configuration is modeled with two linear spring stiffnesses, K1 , K2 and one complex dashpot stiffness, Cia, as follows:
K2 Ciw)
Given K1 and K2 from static structural models, C is the only unknown constant needed to complete the dynamic model. Simple algebraic manipulations yield the appropriate value of C such that the transition from low-frequency short-circuit stiffness to highfrequency open-circuit stiffness occurs at the correct transition frequency, p . This is accomplished by arbitrarily selecting a third coordinate point, (w, IK, near the transition of the stiffness curve. Figure 5 shows an equivalent mechanical model of the resistively-shunted piezoelectric damper (including series and parallel stiffnesses). This mechanical equivalent model is suitable for inclusion in commercial finite element software.
The real and imaginary parts of the complex stiffness are separated in (9) to calculate the real magnitude in (10):
The results of (10) are manipulated into the quadratic equation, C4 {a,} + C2{a2} +{a,} =0 and solved for the only unknown, C. Before the piezoelectric-based damper or actuator can be designed and analyzed, the characteristics and performance criteria of the undamped structure, ASTREX, must be considered. ASTREX includes a tripod that supports a mirror known as the secondary (see figure 6 ). The primary consists of over a hundred 1 meter backplane struts that form a hexagonal-shaped lattice truss. The tertiary, located a couple of meters behind the secondary, houses the electronics. Thrusters located on opposite sides of the primary, are available to perform rapid slewing maneuvers. Two control moment gyros are planned on the primary, as are two reaction wheels on the secondary.
ASTREX's original control-structures interaction performance-metric, involved minimizing the line-of-sight error from step input slewing maneuvers. For purposes of this project, we have assumed use of the two reaction wheels on the secondary as control actuators. The frequency response of this transfer function (from torque applied to line-of-sight) for the tmdamped structure is reproduced in figures 17 through 19. From considerations of practical bandwidth limits of the reaction-wheel actuators, together with knowledge of the capability of fast stearing mirrors, we semi-arbitrarily selected 30 to 40Hz as a target closed-loop bandwidth for this control 1oop. Eigen-frequencies below this bandwidth would be actively controlled. Eigenfrequencies near the 30 to 40Hz cross-over would present robust stability problems. Eigenfrequencies far above this bandwidth will need enough passive damping for gain stabilization. These heuristic considerations, codified in [2], lead us to emphasize passive damping treatments that target the decade centered about 30 to 40Hz, and target modes which contribute strongly to rotational motion of the secondary. Output=Angle (Apex)
POTENTIAL PIEZOELECTRIC DAMPING IMPLEMENTATIONS FOR ASTREX
The problem of damping a complicated space structure with piezoelectric materials is open-ended. In trusses consisting of repetitious truss bays the problem is to optimize strut placement. In structures, like ASTREX, the ambiguity can be interpreted as a freedom to invent any conceivable device that has considerable influence in damping the modes that facilitate control rolloff.
Building struts for ASTREX was not considered for the following two reasons: 1. It was determined in reference 2 that replacing ASTREX's primary composite struts with piezoeleciric struts offers insignificant damping with only a few struts being switched.
Obviously, if too many struts are replaced, the structure becomes too heavy. 2. TRW has already built laminated piezoelectric/composite active struts which replaced the three tripod legs.
Two alternative damping schemes were considered. The "smart-node", active-joint or piezoelectric washer is addressed in section 4.1. The six-axis proof mass damper with piezoelectric actuators is addressed in section 4.2.
A Potential Damping Device
The washer design consists of piezoelectric material that is strained in the shear mode under dynamic loading. As the Iripod leg bends it exerts a reaction torque at the tripod mount, which behaves as a fixed boundary condition. Inserting piezoelectric washers between the ears of the tripod strut and the clamps of the mount, transforms the rigid boundary condition into a rotary spring as seen in figure 7.
696 / SPIE Vol. The washer was modeled in ASTREX finite element code as a rotary spring with only one rotational degree of freedom aimed with the bolt. The washer's broadband resistive damping was designed so that the peak loss factor was located near 30Hz. An optimal rotary short-circuit stiffness value of 400,000 N/m2 was attained from finite element iterations. This equates to a washer with a one inch outer diameter with a half-inch hole and one-eighth inch thickness. This design promises to absorb 10% of the total strain energy for a typical tripod bending mode at 29Hz. A loss factor of 4.2% can be computed from equation (5).
Stresses were computed from NASTRAN finite element program. If the input torquer disturbance source were activated at maximum output, finite element analysis showed that the design would either fail from brittle fracture and/or fail to damp due to excessive and/or permanent depolarization at stresses higher than 5OMPa (See figure 8) . Unlike other damping designs, there is no practical way to provide a mechanical stop to prevent excessive rotary motion. When modes skew to the plane of the washer are considered, the stress issue cannot be ignored. Thus, the design was discontinued. In addition, manufacturing the washers would involve inventing a circumferencial poling machine. Such a task is out of the scope for this project. 
Another Potential Damping Device
The six-axis proof mass vibration absorber with six piezoelectric dampers was born out of the need to create an energy sink for the heavy (90kg) apex mass undergoing large displacements. Displacements over 4 times those found in the backplane, have been determined from ASTREX's eigenvectors. Finite element optimization of the stewart platform configuration indicated that an effective damper stiffness of 1 .5N/um would channel over 50% of the total strain energy in the piezoelectric material for several modes under 50Hz. Theoretically, this means that modal loss factors as high as 20% are attainable. Mode shapes and loss factors that are representative of their corresponding frequency region, are shown in table 1.
The six-axis proof mass damper design in figure 9 consists of a 90kg. mass suspended from the interior of the 24"x24"x24" triangular apex housing by six flex-tensional damping devices. It should be noted that the 90kg. mass primary purpose is to balance the ASTREX testbed on its air bearing ball joint. The ball joint is connected to the center of the hexagonal primary truss which is elevated above the floor by a twenty foot supporting post.
The six-axis configuration can be optimized by using the maximum stroke capability offered by the stewart-bridge geometry. This optimal stroke/actuation configuration was slightly modified to accommodate the geometrical constraints of the congested apex interior. (see figure 9 ) If the distance, d, between adjacent struts in each of the three orthogonal strut pairs is decreased, the rotational eigenvalues of the proof mass decrease due to the decrease in the systems effective moment arm. This yields a more effective damper for the low frequency rotary movements. The tradeoff is the increase in static stresses of the dampers. The distance versus stress optimization for the modified Stewart bridge was not investigated, since the dimensions of the damping device prevented the aformentioned distance reduction. 
Damping Performance: Washer versus 6-Axis Absorber
In order to decide which damping scheme to attempt to build, the two designs were evaluated according to their ability to absorb strain energy from performance-sensitive modal displacments. Recall equation (5), that states that the system loss factor is proportional to the fraction of the total strain energy in the piezoelectric for a given mode. Although only three modes are listed in figure 10 , the trend of six-axis vibration absorber dominance is present in all modes. The potential merit of the six-axis absorber obviously exceeds that of the washer design. 
S. DESIGN DETAILS OF THE COMPONENT
The crux of six-axis proof mass damper design is the component design of the six damping devices. Piezoelectric material alone is too stiff and brittle to be used as a low-frequency damper with structural integrity. A 30Hz tuned vibration absorber will sag about 250pm in a one-gee field. This is an enormous deflection for a small piece of piezoceramic.Thus, a properly designed stroke amplification device is essential in reducing the device's stiffness and increasing its travel. The role of each of the five parts described in figure 1 1 and their associated design, manufacturing and assembly considerations will be assessed in the following five paragraphs:
1 . The role of the piezoelectric stack is to provide resistively-shunted passive damping. The design uses mechanical amplification to reduce the stiffness of the stack in order to meet the 30Hz target eigen-frequency. This, in turn, reduces large critical stresses in the stroke amplifier as described in the following paragraph. Reducing the stack's stiffness may also be achieved by increasing its length and decreasing its cross-sectional area until the material stresses are no greater than 5OMPa to ensure minimal performance loss due to hysteretic depolarization. Buckling must also be considered for slender stacks. Another design consideration for the piezoelectric material is to have the appropriate number of capacitors (stacks) to balance the trade-off between glue-layer strain energy loss and large capacitor thickness flux-loss. A 16-wafer piezoelectric stack was the engineering judgement. The glue-layers gave the piezoelectric stack a coupling-coefficient, k , of 0.59 as opposed to the nominal material value of 0.71 . This reduces the available piezoelectric peak loss factor from 35% to 21%.
2. The role of the steel flex-tensional stroke amplifier is to provide the necessary amplification to give the piezoelectric structural integrity and low stiffness. Stroke amplification at the device level equates to strain reduction in the piezoelectric. The ideal stroke amplifier would consist of beams with infmite axial stiffness connected by perfect hinges so that all the component's strain energy would be subject to the damping authority of the piezoelectric stack. A realistic component, however, has the following design criteria: 1. The lever angle is selected according to the analytical model, equation (12), so that the desired effective stiffness is realized. 2. The sum of the axial stiffness of the flexures is much greater than that of the stack. 3. The bending stiffness of the flexures is much less than that of the component. 4. The flexure stresses are less than their respective yield stresses. The stroke amplification device consists of a monolithic piece of steel, which is carved out of quenched and tempered 40 Rockwell steel by a machining process called: wire Electron Discharge Machining (wire-EDM).
3. The role of the two preload springs is to ensure that the piezoelectric stack remains in compression under normal loading conditions. This aLso keeps the flexures in tension. The optimal design for the spring is a mile high spring with negligible stiffness relative to the component's effective stiffness. When this type of spring is placed in the device, the preload requirrnent is met with negligible device stiffness contribution. This idealization is limited by practical assembly procedures which require pronged pliers insertion to shorten the spring temporarily for insertion into the EDM'Cd part. Spring spacing must be large enough to allow for flattened-wrench adjustment of the mechanical stop nuts inside the springs. This also limits the ideal mile high spring idea.
4. The two mechanical stops are adjusted to prevent accidental overloading of the gizmo. The maximum operating input torque of 28 ft.lbs. plus gravity load yields the component's maximum axial displacement of 0.3mm. Motion in excess of this number is inhibited. The mechanical stops are adjusted by wrench and locked in place with adjacent locknuts.
5. The role of the axial stinger is to suspend the 90kg. mass according to the modified Stewart bridge configuration. High axial stiffness and low bending stiffness of the stinger minimizes strain energy sharing. Low bending stiffnesses can be obtained by using a pinned flexure at each end of the stinger.
ANALYSIS oF THE COMPONENT 6.1. Analytical Model of Component
A simple analytical model is used to estimate the stiffness of the component given the lever ratio, piezoelectric stiffness and lever arm stiffness. The lever aim stiffness consists of two flexure stiffnesses in series with the semi-rigid bar stiffness. The model in figure  12 assumes the flexure bending stiffness is negligible. Kinematic Equations describing the deformed and undeformed geometry are expanded and linearized to obtain the following expression: 
Finite Element Component Model
In order to verify the assumption of negligible bending stiffness in the flexures, a fmite element model was constructed. The finite element component model accounts for the bending stiffness of these components. The finite element program can output bending and axial stresses and strain energies in the flexures to aid in an iterative design optimization of the flexures. The following picture describes the boundary conditions and element geometry refmements for an one-eighth model of the component. The piezoelecthc stack length is half and its area is a fourth of the full-model equivalent.
There are two undesired flexibilities in the above models that need to be addressed. The tensile stress in the smaller flexure, modeled as a single beam element, decays into the larger semi-rigid beam. The depth of the decay plus the original flexure's length yields the effective length of the flexure to be used in the models of section 6. 1 and figure 1 3. The second undesired flexibility is caused by the smaller flexure's eccentricity with respect to the center of the larger semi-rigid beam. When the flexure is pulled in tension, the off-center axial force induces an undesirable bending moment and compressive bending stresses about the lever arm's neutral axis. The beam's curvature from the bending stresses reduces the overall axial stiffness of the lever arm.
In either case, the unmodelled flexibility, 1/K?, can be found by comparing the overapproximated two-beam junction with twodimensional stress elements on any commercial fmite element program. The total stiffness is calculated from the applied force and total displacement quotient. K1 and K2 are the nominal EA/L of the flexure and the semi-rigid beam, respectively. The mystery stiffness, K?, is backed out of the following equation:
This mystery stiffness was added to the component fmte element model. It is essentially an unwanted flexibility in series with the piezoceramic stack. The fmite element model in figure 14 shows the bending compressive stress that makes the outer beam material useless for transmitting strain energy into the piezoelectric. A symmetric beam eliminates this problem in section 9. The microcomponent tester in figure 1 5 was used to measure component stiffness and phase as a function of frequency and resistance. The piezoelectric actuator drives a user-input sinusoidal or random force through a load cell and into the component to be tested. A laser source inputs a light into a beam spliter which creates two separate beams of light. One beam, known as the reference beam is deflected into the laser sensor. The other beam is deflected onto the oscillating component mirror which then deflects the beam backwards along the same path back to the laser sensor. The laser measures the difference in phase between the two beams of light which is calibrated to the displacements of the component.
Component stiffness can be measured from these force and displacement measurements. Compoment loss factor can be measured from the tangent of the phase lag between these two measurements.
Component Test Data
In order to verify the component design, stiffness and loss factor test data was collected as follows. First, the effective capacitance of the piezoelectric was calculated. The resistor was selected from the following equation to tune the peak damping curve at 30Hz. p =RCco (14) where p =1 , w=3OHz, C=1 5microfarads and R=360k.Q.
Second, forty logarithmically-distributed resistors were selectred about the p=1 center point. Forty stiffness and phase transfer functions were generated using a thirty count average. Two data points, 10Hz and and 42Hz, were arbitrarily chosen to extract stiffness and loss factor data directly off the respective transfer functions. A seven-point discrete frequency average was computed about these two freqencies to smooth the noise on the transfer function. The following plots and experimental curve fits show the results of this procedure. Table 2 . Component results summary for the experimental data and the finite element model.
Several conclusions can be made from the results. The component is much stiffer than intended. The two-dimensional finite element model's overestimate of the piezoelectric loss factor is attributed to unmodeled flexibility throughout the three-dimensional wire-EDMed part.
SIMULATED FREQUENCY RESPONSES IN THE TESTBED
The effect upon the plant transfer function (from control actuator to error sensor) of inserting a six-axis isolation stage to support the payload at the secondary mirror, is simulated in figure 17 , using experimentally measured component characteristics. This simulation employs a NASTRAN dynamic model of the ASTREX structure. This model has not been tuned with a modal survey. The results are thus at best representative, and certainly not trustworthy in detail. A control engineer, faced with these two plants, will be happy with neither, but would certainly prefer to compensate the damped plant. The difference between the damped (solid) and undamped ( 3. Due to the extremely low bending strain energy in the flexures, the flexure lengths would be halved to channel more strain energy in the piezoelectric. 4. The entire lever arm width would be doubled to 2cm to increase the flexure's axial stiffness to bending stiffness ratio. 5. The thick semi-rigid beam would also be doubled in thickness. 6. The semi-rigid beam would be symmetric about the flexures in order to reduce the footprint length from 8.6 to 1.1 times the flexure length as pictured in figure 18 . An alternate use of the six-axis stage is for isolation; t is possible to isolate the control system from unpleasent structural dynamics of the ASTREX structure. This is summarized in figure 20 , in which the actuator torque is applied not to the tripod apex but to the 90kg. suspended mass that is presumably supporting the secondary optics. In this plant, the isolation properties of the six-axis stage lead to very clean plant dynamics above 40Hz, and would permit robust closed-loop control. 
CONCLUSIONS
Passive damping is important for space structure performance and controller stability robustness requirements. The ability of resistively-shunted piezoelectric damping to meet these requirements was investigated. This paper has presented the piezoelectric passive damping modeling approach and its modifications for fmite element software implementation. The dynamic behavior and passive damping needs of the ASTREX testhed were addressed with a modal comparison of two potential damping design options: the piezoelectric joint and the tuned piezoelectric vibration absorber. The latter design was designed, manufactured and tested at the component level.
An analytical truss model was developed for the vibration absorber components. The model was used iteratively to optimize the lever ratio and piezoelectric strain energy of the component with respect to dimensional requirements and desired design features. A finite element model of the component was used to verify the design and to ensure stress limits were not exceeded. A local analysis of the beam was made to include the lever's "footprint" flexibility.
Test results indicate that it is challenging to channel a large fraction of the structural strain energy into the piezoceramic material without sacrificing some strain energy to residual parallel and series non-piezoelecthc stiffnesses.
This paper has reported some of the practical considerations encountered when. attempting piezoceramic passive damping of a large flexible structure. The paper presents a first -iteration solution to these problems. Future work will use this as a starting point. 
